
Received December 2, 2020, accepted December 8, 2020, date of publication December 11, 2020,
date of current version December 24, 2020.

Digital Object Identifier 10.1109/ACCESS.2020.3044081

The Impact of Slipper Microstructure on
Slipper-Swashplate Lubrication Interface
in Axial Piston Pump
JIHAI JIANG 1, (Member, IEEE), ZEBO WANG 1, AND GEQIANG LI 2
1Harbin Institute of Technology, Harbin 150001, China
2Department of Mechanical and Electronic Engineering, Henan University of Science and Technology, Luoyang 471003, China

Corresponding author: Zebo Wang (wang_zebo@yeah.net)

This work was supported in part by the National Natural Science Foundation of China under Grant 51775131, and in part by the National
Key Research and Development Program of China under Grant 2018YFB2000902.

ABSTRACT In order to decrease the tilt and eccentric abrasion of a slipper and improve the lubrication
performance of the slipper-swashplate interface in an axial piston pump, this paper proposes a comprehensive
numerical simulation method to predict the lubrication performance and designs three types of slipper
microstructures such as micro-chamfering, micro-filleting and micro-stepping to improve the lubrication
performance. The lumped-parameter numerical pressure-flow model of the axial piston pump and the
lubrication model of the slipper-swashplate interface have been developed. These models consider the
pressure of slipper’s center oil pool, hydrostatic lubrication, hydrodynamic lubrication, slipper microstruc-
tures, slipper’s micro motion and dynamic equilibrium. The influence of slipper microstructures on the
lubrication performance of the slipper-swashplate interface has been profoundly studied. Simulation results
demonstrate that the slipper without a microstructure leans forward and finally touches the swashpate leading
to wear-out and that all the three types of slipper microstructures improve the lubrication performance, where
the effects of micro-chamfering and micro-filleting are better than the effect of the micro-stepping. With
the increase of the micro-chamfering depth, the leakage decreases and the friction power loss increases,
while with the increase of the micro-chamfering depth, the leakage increases and the friction power loss
decreases. The experimental results are essentially consistent with the simulation results, which confirms
the numerical models feasible and effective. The current work is significant for further designs and the
structural optimization of the slipper-swashplate interface.

INDEX TERMS Axial piston pump, eccentric abrasion, hydrodynamic lubrication, microstructure,
slipper-swashplate interface.

I. INTRODUCTION
The hydraulic fluid power system is widely employed in
modern industrial fields [1]. The swashplate type axial pis-
ton pump is the most common power hydraulic compo-
nent. Owing to simple structure, compact design and high
power density, it is widely applied in hydraulic transmis-
sion equipments, such as an excavator [2], an aircraft [3],
a water hydraulic machine [4], [5] and a hydraulic trans-
former [6], etc. The axial piston pump is mainly composed
of three interfaces, such as the slipper-swashplate interface,
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the piston-cylinder interface [7] and the cylinder-valve plate
interface [8]. The slipper-swashplate interface is the sliding
interface between the rotating slipper and stationary swash-
plate as shown in Fig.1. The instantaneous pressure load of
the entire displacement chamber, which periodically changes
with the rotation of the main shaft, acts on the swashplate
through the piston and slipper. The slipper sealing surface
bears the periodic load. The pressurized oil of the displace-
ment chamber flows into the slipper’s center oil pool through
the fixed damping holes of the piston and slipper. It produces
a certain hydrostatic pressure to resist the slipper’s exter-
nal loads. The slipper-swashplate interface needs to simul-
taneously satisfy the functions of the bearing and sealing.
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FIGURE 1. Diagram of main components and slipper-swashplate
interface of axial piston pump.

FIGURE 2. Slipper’s eccentric abrasion and failure picture.

Therefore, the certain oil film thickness needs to be formed to
minimize the leakage and friction power loss for the sliding
interface between the slipper and swashplate. The actual oil
film thickness between the slipper and swashplate depends
on the dynamically varying external loads of the slipper. The
leakage [9], friction power loss and oil film thickness are
hard to be detected in an actual pump. Canbulut et al. [10]
applied an artificial neural network model to analyze the
friction power loss of the slipper hydrostatic bearing. Sun
et al. [11] investigated the relative position and friction power
consumption between the retainer and the ball bowl of the
slipper.

During the operation of the real axial piston pump, the slip-
per is found to have an eccentric abrasion and even a failure
as seen in Fig. 2.

There are many factors resulting in the eccentric abrasion
of the slipper, such as lubrication performance, oil film for-
mation, temperature, motion posture and structure, etc.

Hooke et al. [12]–[16] investigated the influence of the
compression coefficient, load pressure and damping hole’s
size on the lubrication performance of the slipper-swashplate
interface. Bergada and Haynes [17]–[19] established a
novel analytical model between slipper-swashplate interface,
to analyze the variation of the lubrication characteristics on
the bearing surface for slippers with the different size and
position grooves.

Ma et al. [20] investigated the affecting factors of the
oil film characteristics in the slipper pair using computa-
tional fluid dynamics. Kazama and Yamaguchi [21], [22]
investigated the bearing characteristics and optimization
design principles of the oil film at the slipper-swashplate
interface in an axial piston pump. Ivantysynova and
Schenk [23], [24] established the thermal elastohydrody-
namic lubrication model of the slipper-swashplate interface,
to analyze the thickness distribution, pressure distribution,
temperature distribution and power loss of the oil film. Wiec-
zorek and Ivantysynova [25] developed a CASPAR math-
ematical simulation tool, to predict the slipper’s tilt and
the oil film pressure distribution of the slipper-swashplate
interface in an axial piston pump. Tang et al. [26]–[28]
established a mathematical model of heat transfer, to pre-
dict the temperature distribution of the oil film in the
slipper pair and the effect of temperature on the oil film
characteristics.

Harris et al. [29] studied the tilt posture and lifting state
of the slipper against the swashplate, and pointed out that
the slipper might contact the swashplate owing to centrifugal
torque at high speed. Xu et al. [30]–[33] investigated the
tilt and slipper’s rotational motion around its own axis and
established a mathematical model for predicting the oil film
thickness and pressure distribution.

Yu et al. [34], [35] investigated the application of the
hydrostatic balance slipper in a water axial piston pump.
Nie et al. [4], [5] proposed a slipper structure with an annu-
lar damping hole for the water axial piston pump. Won-
dergem [36] researched the impact of piston micro-surface
shaping on leakage, axial friction force and energy dissipation
of piston/cylinder interface of axial piston machines.

Previous research just focuses on the investigation and
modeling the lubrication between the slipper and swash-
plate. However, a comprehensive numerical simulation
method and the impact of the slipper sealing surface
microstructure on the lubrication performance has yet to
be published focusing specifically on the slipper-swashplate
interface.

Fig. 3 shows the proposed comprehensive simulation
method to predict the lubrication performance of the
slipper-swashplate interface. The flow-pressure model of
the axial piston pump is established according to the oper-
ating conditions and geometric models with a lumped
parameter method. Then the pressure model of the slip-
per’s center oil pool and the lubrication model of the
slipper-swashplate interface are developed. The coupling
solver among the model of the slipper’s center oil pool pres-
sure, lubrication model and dynamic balance equations is
constructed using OpenFoam. Further, three types of slip-
per microstructures are designed to improve the lubrica-
tion performance of the slipper-swashplate interface. Finally,
the friction power losses of the slipper-swashplate interface
with different micro-chamfering widths are measured by
experiments.
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FIGURE 3. Comprehensive simulation method for lubrication
performance of slipper-swashplate interface.

FIGURE 4. Flow-pressure simulation model of axial piston pump.

II. DYNAMIC PRESSURE OF DISPLACEMENT
CHAMBER
The flow pressure simulation model of the axial piston pump
is constructed using the SimulationX tool, as shown in Fig. 4.

FIGURE 5. Dynamic pressure of displacement chamber.

It is assumed that the oil suction and discharge processes
of the axial piston pump periodically vary. The control vol-
ume of the displacement chamber in the cylinder block is
connected with the oil suction and discharge waist grooves
of the valve plate, respectively. The flow section areas of
the oil passage windows are determined by the structure of
the valve plate and the rotation of shaft. A single piston
model is established firstly, and after compounding it as a new
component, the flow pressure simulation model of the whole
pump is built.

The dynamic pressure in displacement chamber pDC is
described as follow:

dpDC
dt
=

K
VDC

[
−
dVDC
dt
−
(
QHP + QLP + Qleakage

)]
(1)

where K is the oil’s bulk elastic modulus; VDC is the instan-
taneous volume of displacement chamber; Qleakage is the
leakage from displacement chamber, which includes leakage
from slipper-swashplate interface, piston-cylinder interface
and cylinder-valve plate interface; QHP and QLP are the flow
from high pressure port and low pressure port to control vol-
ume, which are calculated based on the orifice flow equation.
QHP and QLP can be described as:

QHP = CdAHP

√
2
ρ
(pDC − pHP) (2)

QLP = CdALP

√
2
ρ
(pDC − pLP) (3)

where Cd is the flow coefficient; ρ is the oil density; AHP and
ALP are the flow area between displacement and high and low
pressure port; pHP and pLP are the pressure of high and low
pressure port.

The flow pressure simulation model of the axial piston
pump is solved to obtain the dynamic pressure of the dis-
placement chamber in one cycle, as shown in Fig. 5. The shaft
angle range of 0◦∼180◦ is the oil discharge stage of the pump,
called the high-pressure area; the angle range of 180◦∼360◦

is the oil suction stage of the pump, called the low-pressure
area.
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FIGURE 6. Control volume of slipper’s center oil pool.

When the piston begins to enter the high-pressure area,
there exists the positive overshoot of pressure. Because the
high-pressure oil of the waist groove pours into the dis-
placement chamber through the triangular groove, when the
piston passes through a triangular groove transition area
before completely entering the oil discharge area. Moreover,
the axial movement of the piston causes the displacement
chamber’s volume compression. Similarly, when the piston
begins to enter the low-pressure area, the negative overshoot
of pressure occurs, which causes the displacement cham-
ber’s high-pressure oil to flow into the waist groove in the
oil suction area through the triangular groove. Additionally,
the reverse axial movement of the piston causes the displace-
ment chamber’s volume expansion.

III. LUBRICATION MODEL OF SLIPPER-SWASHPLATE
INTERFACE AND ALGORITHM
In the axial piston pump, the slipper is periodically loaded by
the oil pressure from the displacement chamber. In addition,
it is also a periodic motion for the slipper relative to the
swashplate. As long as the lubrication performance indexes
of one slipper-swashplate interface are calculated, those of
the other ones can be obtained according to the phase differ-
ence between slippers. The lubrication performance indexes
mainly includes the oil film thickness, the frication power loss
and the leakage, etc. This section researches and develops the
lubrication model of a single slipper-swashplate interface.

A. PRESSURE MODEL OF SLIPPER’S CENTER OIL POOL
As the pressure of the slipper’s center oil pool plays a deci-
sive role in the hydrostatic supporting force, the pressure
distribution of the center oil pool should be calculated. The
depth of the slipper’s center oil pool is 0.7-1.0mm. Therefore,
the pressure of the entire oil pool is considered to be uniform.
As shown in Fig. 6, the slipper’s center oil pool is regarded
as the control volume.

Considering the compressibility of the oil in the control
volume, the pressure equation is expressed as:

dpHC
dt
=

K
VHC

(
QHCin − QHCout −

dVHC
dt

)
(4)

where pHC is the pressure of the slipper’s center oil pool;
K is the oil’s bulk elastic modulus; QHCin is the flow from
the displacement chamber through the damping holes and

into the slipper’s center oil pool; QHCout is the flow from
the slipper’s center oil pool to the pump house through the
gap between the slipper and the swash plate; VHC is the fluid
control volume of the slipper’s center oil pool.

The damping holes in the slipper and piston are circular
tube-type ones, and the damping hole diameter is very small
(d < 1 mm). The length to diameter ratio is generally less
than 100 (l/d <100), and the flow is essentially laminar
flow. Therefore, the effect of the laminar flow starting section
should be considered. Owing to a sharp edge of the inlet in
the damping hole, effects of the inlet shrinkage and expansion
loss are regarded as those of the laminar flow starting section.
The flow equation is expressed as:

QHCin =
CA

Cq
(pDC − pHC) (5)

where

CA =
π

128µ
·

d4DKd
4
HK

lDKd4HK + lHKd
4
DK

Cq =
1
64

[
dHKRe
lHK

+ 64+ 3
(
dHKRe
lHK

)0.75
]

where Re is the Reynolds number; CA is the flow coefficient
of the damping hole; Cq is the flow correction coefficient of
the damping hole; µ is the oil’s dynamic viscosity; lDK and
lHK are the length of the damping holes of the piston and
slipper, respectively; dDK and dHK are the diameter of the
damping holes of the piston and slipper, respectively.

The flow from the slipper’s center oil pool into the pump
house through the clearance between the slipper and swash-
plate is obtained by integrating the fluid’s radial velocity com-
ponent along the oil film thickness and outer circumference
directions, as follows:

QHCout=

2π∫
0

h∫
0

vrrdzdθ=

2π∫
0

[
−

h3

12µ
·
∂p
∂r
+
h
2
v
]
rHSoutdθ

(6)

where h is the oil film thickness; vr is the radial velocity
component of the fluid in the oil film; v is the linear velocity
at any point on the sealing surface of the slipper; rHSout is the
outer diameter of the sealing surface of the slipper.

B. PRESSURE MODEL OF OIL FILM
During the pump’s operation, the slipper’s micro-motion
depends on the dynamically periodically varying loads from
the displacement chamber. The resisting forces and exter-
nal loads of the slipper-swashplate interface need to keep
dynamic equilibrium. Fig. 7 defines the control points
describing the slipper’s micro-motion.

The points H1, H2 and H3 with an interval of 120◦ are
located on the slipper’s outer diameter circumference, and
their oil film thickness values are h1, h2 and h3, respectively.
Point H1 is on the yH axis. The points H1, H2 and H3 are
used to describe the variation of the slipper posture, such
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FIGURE 7. Definition of control points describing slipper’s micro motion.

as the translational motion along the axis zH, which is the
direction perpendicular to the plane of the swashplate, and
the rotational motion around the xH and yH axes. The oil film
thickness caused by the slipper’s micro motion at any point
on the slipper bottom plane is expressed as:

h (r, θ) =
r sin θ
3rHSout

(2h1 − h2 − h3)+
r cos θ
√
3 rHSout

(h2 − h3)

+
1
3
(h1 + h2 + h3) (7)

Similarly, the vertical velocity components of three points
located on the slipper’s outer circumference are used to
describe the extrusion rate of the oil film, which is caused by
the slipper’s micro-motion, at any point on the slipper bottom
plane, as follows:

∂h (r, θ)
∂t

=
r sin θ
3rHSout

(2
dh1
dt
−

dh2
dt
−

dh3
dt

)+
r cos θ
√
3 rHSout

× (
dh2
dt
−
dh3
dt

)+
1
3
(
dh1
dt
+
dh2
dt
+
dh3
dt

) (8)

where r is the distance from any point on the slipper bottom
plane to the center point O; θ is the angle between the line
from any point on the slipper bottom plane to the center point
O and xH axis.

The two-dimensional grid diagram of the oil film shape of
the slipper-swashplate interface is shown in Fig. 7 (right). The
inner boundary is the wall of the slipper’s center oil pool, and
the outer boundary is the pump house. By increasing the grid
density at the inner and outer boundaries, the influence of the
sealing surface microstructure on the oil film can be more
accurately captured.

Considering that the magnitude of the oil film thick-
ness between the slipper and swashplate is at micron level,
the fluid is assumed as an incompressible Newtonian fluid
and the fluid flow is considered as the lamina flow. The
Reynolds equation of the slipper-swashplate interface is
derived as:

∇ ·

(
−

h3

12µ
· ∇p

)
−
v
2
· ∇h+

∂h
∂t
= 0 (9)

where the first term is the differential pressure flow term of
the fluid. The second term is the shear flow term of the fluid

FIGURE 8. Diagram of dynamic slipper’s analysis.

and also the cause of the hydrodynamic effect. The third term
is the extrusion motion term of the fluid. When the slipper
slightly moves, the extrusion rate plays a decisive role in the
generation of the oil film’s dynamic pressure. p is the pressure
at any point on the slipper bottom plane.

The velocity boundary condition on the oil film between
the slipper and swashplate interface can be described as:{

vr(z = h) = vHr
vθ (z = h) = vHθ

,

{
vr(z = 0) = 0
vθ (z = 0) = 0

(10)

where vθ is the circumferential velocity component of the
fluid in the oil film; vHr and vHθ are the radial and circumfer-
ential velocity component of the point on the slipper bottom
plane.

The friction stress between the slipper and swashplate
interface can be expressed as:

τHr =
h
2
∂p
∂r
+ µ

vHr
h

τHθ =
h
2
∂p
r∂θ
+ µ

vHθ
h

(11)

where τHr and τHθ are the radial and circumferential compo-
nent of the friction stress.

The friction power loss between the slipper and swashplate
interface can be written as:

WFriction =

∫ 2π

0

∫ rHSout

rHSin
(τHrvHr + τHθvHθ ) rdrdθ (12)

C. DYNAMIC SLIPPER MODEL
The dynamic analysis of the slipper is shown in Fig. 8.

When the pressure in the displacement chamber is built up,
the oil film between the slipper and swashplate produces a
supporting reaction force to resist the external loads exerted
on the slipper. The mass and inertia of the slipper are very
small and can be ignored. Hence, the dynamic balance equa-
tions of the slipper are expressed as:

FNH − FZH − FHH = 0
MpHxH +MωH = 0
MpHyH +MµxH = 0

(13)

where FZH is the main load of the slipper, composed of
the displacement chamber’s pressure, friction force between
the piston and cylinder block and the inertia force of the
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FIGURE 9. Block diagram of flow field solution algorithm.

piston-slipper assembly; FHH is the compressing force acted
on the slipper from the retainer or spring; FNH is the sup-
porting reaction force acted on the slipper, composed of
hydrostatic pressure and hydrodynamic pressure of the oil
film; MωH is the centrifugal moment of the slipper; MµH is
the friction moment of the slipper;MpHxH andMpHyH are the
moments generated by the oil film pressure relative to the xH
and yH axes, respectively.
Although the oil film extrusion rate does not directly

appear in the slipper’s dynamic balance equations, it causes
the oil film to produce an extrusion effect and directly affects
the oil film pressure distribution. Therefore, it changes the
supporting force acted on the slipper to adjust the slipper’s
posture and leads it to regain balance.

D. SOLUTION ALGORITHM
According to the above description of the models of the
slipper-swashplate interface, the block diagram of the flow
field solution algorithm is shown in Fig. 9.

By solving the inner pressure calculation loop of the slip-
per’s center oil pool, the center oil pool pressure and the
corresponding oil film pressure distribution are obtained.
Then, the dynamic balance calculation loop of the slipper is
used to calculate the thickness and extrusion rate distribution
of the oil film at this shaft angle under the new balance. The
shaft angle step is 1◦. Every time the numerical simulation
model runs for one cycle (360◦), the convergence of the
oil film thickness is checked until all the oil film thickness
differences at the same shaft angle between the adjacent two

FIGURE 10. Distribution of oil film thickness without microstructure.

cycles satisfy the convergence condition. In other words, all
these differences are less than 1× 10−8µm.

IV. ANALYSIS OF SIMULATION RESULTS
Both the pump house and inlet pressure are set to 0.1 MPa.
The operating pressure is 10 MPa. The main shaft speed is
1500 r/min. The swashplate is angle 18◦. The other relevant
parameters from the real pump (A10VSO45) used in simula-
tion are listed in Table 1.

TABLE 1. Relevant parameters used in simulation.

A. INFLUENCE OF MICROSTRUCTURE ON OIL FILM
The distribution of the oil film thickness without a
microstructure is shown in Fig. 10.

By considering the positions of the points H1, H2, and H3
(Fig. 7), Fig. 10 shows that the slipper has a forward leaning
posture (h2 < h1, h3), and finally contacts the swashplate
resulting in eccentric abrasion. The reason is that the direction
of the convergence port of the wedge-shaped oil film formed
by the forward leaning posture and the direction of the relative
motion speed of the slipper and swashplate are the same.
Therefore, the wedge-shaped oil film does not satisfy the
required conditions to generate a dynamic pressure effect.
To avoid the contact abrasion between the slipper and the
swashplate, a particular oil film should be formed to ensure
the lubrication of the slipper-swashplate interface. Accord-
ing to the formation conditions of the hydrodynamic effect,
three types of slipper microstructures for the sealing surface
are designed, namely, micro-chamfering, micro-filleting and
micro-stepping, as shown in Fig. 11.
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FIGURE 11. Slippers with three different microstructures.

FIGURE 12. Oil film thickness distribution with different microstructures.

For three types ofmicrostructureswith the same processing
parameters, such as depth (h = 10 µm) and width (l = 0.5
mm), the lubrication models are solved to obtain the oil film
thickness distribution as shown in Fig. 12, where C, F, S are
the micro-chamfering, micro-filleting and micro-stepping,
respectively.

As shown in Fig. 12, all three types of microstructures
cause the slipper-swashplate interface to form a particular oil
film, and the slipper exhibits a backward tilt posture (h2 > h1,
h3). The wedge-shaped oil film formed by the backward tilt
posture of the slipper converges in the opposite direction
of the slipper and swashplate’s relative movement direction.
This wedge-shaped oil film satisfies the required conditions
to generate a dynamic pressure effect. The oil film pressure
distribution at the main shaft angle of 45◦ in the oil discharge
area is shown in Fig. 13.

The backward tilt posture of the slipper produces the
dynamic pressure (Fig. 13) in the oil film to improve
its supporting capacity. This dynamic pressure is helpful
to form the oil film between the slipper and swashplate.
The simulation results demonstrate that the influences of
the micro-chamfering and micro-filleting on the oil film
thickness of the slipper-swashplate interface are essentially

FIGURE 13. Oil film pressure distribution with different microstructures
at main shaft angle of 45◦.

equivalent, and greater than those of the micro-stepping on
the oil film thickness.

B. INFLUENCE OF MICROSTRUCTURE ON LEAKAGE AND
FRICTION POWER LOSS
The visual expression of the influence of microstructures on
the oil film thickness is the leakage and friction power loss of
the slipper-swashplate interface. Different micro-chamfering
depths and widths are listed in Table 2.

TABLE 2. Different micro-chamfering depths and widths.

The leakage flow and friction power loss of the slipper-
swashplate interface with different micro-chamfering depths
and widths are shown in Fig. 14, where P and Q are the
friction power loss and leakage flow, respectively.

As shown in Fig. 14(a), with the increase of the
micro-chamfering depth, the leakage flow decreases, while
the friction power loss increases. Because the hydrody-
namic effect becomes weak, leading the oil film thickness
to be thin. Similarly, as can be seen in Fig. 14(b), with the
increase of the micro-chamfering width, the leakage flow
increases, while the friction power loss decreases. The rea-
son is that the hydrodynamic effect becomes strong leading
the oil film thickness to be thick. By comparing the differ-
ences from P_C0.5-10 to P_C0.5-20 with from P_C0.5-20 to
P_C1.5-20, as seen in Fig. 13, it is obviously found that the
micro-chamfering width has a greater influence on the oil
film than the micro-chamfering depth.

V. EXPERIMENTS
Fig. 15 (a) and (b) show the schematic diagram and physical
picture of the test rig for the friction power loss of the slipper-
swashplate interface, respectively.
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FIGURE 14. Leakage flow and friction power loss with different
micro-chamfering depth and width. The solid line indicates leakage flow;
the dotted line indicates friction power loss.

The test rig for the friction power loss of the slipper-
swashplate interface is mainly composed of experimental
pump, variable frequency converter, motor, torque-speed sen-
sor, check valve, relief valve, pressurized oil tank, air com-
pressor and industrial computer. Through an inverse kine-
matics method, the simulation or real pump (A10VSO45)
is redesigned to the experimental pump, where the relative
kinematics between the slipper and swashplate can be sim-
ulated. The experimental pump still has nine slippers, the
same as the real pump. With the swashplate’s rotation and
the help of the retainer or spring force, the piston does the
reciprocating linear motion to make the volume of the piston
chamber change periodically so that the experimental pump
can realize the function of oil suction and discharge. The
test interference of the cylinder-valve plate interface to the
slipper-swashplate interface can be effectively eliminated by
replacing the valve plate with two check valves. Reasonable
experimental steps can eliminate the test interference of the
piston-cylinder interface, so as to measure the friction power
loss between the slipper and swashplate. The experimental
steps are as follows.

Step 1, the torque-speed sensor is not connected to the
experimental pump. The data measured by the torque-speed
sensor is the idling power loss of the motor,WMotor.

FIGURE 15. Test rig for friction power loss of slipper-swashplate interface.

Step 2, the torque-speed sensor is connected to the exper-
imental pump. The relief valve pressure and the swash-
plate angle are set to 0 MPa and 0◦, respectively. The data
(WRig_0◦ ) measured by the torque-speed sensor includes the
idling power loss (WMotor) of the motor and the power loss
(WSlipper_0◦ ) of the slipper-swashplate interface under the
spring force, as follows:

WSlipper_0
◦ = WRig_0

◦ −WMotor (14)

According to the mechanics mechanism, it is easy to com-
pute the power loss (WSlipper_18◦ ) of the slipper-swashplate
interface under the spring force at the swashplate angle of 18◦,
which is the same as the swashplate angle of the simulation
pump, as follows:

WSlipper_18
◦ =

WSlipper_0
◦

cos 18◦
(15)

Step 3, the swashplate angle of the experimental pump is
set to 18◦. The pressure of the piston chamber is still 0 MPa.
The load acted on the slipper is only the retainer or spring
force. The data (WRig_18◦ ) measured by the torque-speed
sensor includes the idling power loss (WMotor) of the motor,
the power loss of the piston-cylinder interface (WPiston_18◦ )
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TABLE 3. Average friction power loss with different micro-chamfering
widths.

and the slipper-swashplate interface under the spring force
(WSlipper_18◦ ). The sum (WPM) of the power loss of the
piston-cylinder interface and the idling power loss of the
motor is written as:

WPM = WPiston_18
◦ +WMotor = WRig_18

◦ −WSlipper_18
◦

(16)

Step 4, the relief valve pressure is set to be the same
as the working pressure of the simulation pump. The data
(WRig) measured by the torque-speed sensor includes the
idling power loss (WMotor) of the motor, the power loss of the
piston-cylinder interface and the slipper-swashplate interface
(WSlipper). This power loss of the piston-cylinder interface
can be considered to be approximately equal to that one
from step 3. The reason for this is that the power loss of the
piston-cylinder interface is little affected by the pressure of
the piston chamber. The power loss of the slipper-swashplate
interface can be described as:

WSlipper = WRig −WMP (17)

To sum up, the first three steps are preparation before the
power loss measurement of the slipper-swashplate interface
in the experimental pump. The data of the first three steps
are integrated in the data acquisition program. The friction
power loss of the single slipper-swashplate can be obtained
by dividing the power loss measured in step 4 by the number
of slippers in the experimental pump.

Switching frequency of check valves limits the rota-
tion speed of the main shaft. When the rotation speed is
1500 r/min, which is the same as that of the simulation pump,
the pressure sampling value is relatively stable. Under the
same working conditions of the simulation models, the fric-
tion power losses of the single slipper-swashplate interface
with three different micro-chamfering widths have been mea-
sured by experiments. After the stable operation of the exper-
imental platform, the experimental results within 20 seconds
are shown in Fig. 16(a). The simulation results for the friction
power loss of the single slipper-swashplate interface in one
cycle (360◦) are presented in Fig. 16(b).
As seen in Fig. 16(a) and (b), both the experimental and

simulation results show that the friction power loss of the
slipper-swashplate interface decreases with the increase of
the micro-chamfering width.

The average friction power losses of the single slipper-
swashplate interface with different micro-chamfering widths
are shown in Table 3.

FIGURE 16. Comparison of experimental and simulation results of
friction power loss of the single slipper-swashplate interface with
different micro-chamfering widths.

As seen in Table 3, the experimental results are slightly
higher than the simulation results. The reason for this is
that the slipper’s rotational motion around its own axis is
not copied into the experimental pump. This rotation can
generate the hydrodynamic effect to form a better oil film,
which reduces the friction power loss between the slipper
and swashplate. As shown in Table 3, the average friction
power loss with C1.5-20 micro-chamfering decreases 9.66%
comparing with the one with C0.5-20 micro-chamfering. The
experimental results are essentially consistent with the simu-
lation results.

VI. CONCLUSION
In order to predict and improve the lubrication performance
of the slipper-swashplate interface in the axial piston pump,
the comprehensive numerical simulation method and three
types of slipper microstructures are proposed. According to
the numerical simulation and experimental results, several
conclusions are obtained as follow:

(1) The simulation results demonstrate that the slipper
without a microstructure overturns and finally touches the
swashpate, resulting in eccentric abrasion.

VOLUME 8, 2020 222873



J. Jiang et al.: Impact of Slipper Microstructure on Slipper-Swashplate Lubrication Interface in Axial Piston Pump

(2) The simulation results indicate that all three types of
microstructures are conducive to the formation of the oil
film lubrication. The improvements of the micro-chamfering
and micro-filleting on the lubrication performance of the
slipper-swashplate interface are obvious and better than that
of the micro-stepping.

(3) The simulation results show that the leakage flow
decreases and friction power loss increases with the increase
of the micro-chamfering depth. In contrast, the leakage flow
increases and friction power loss decreases with the increase
of the micro-chamfering width.

(4) The average friction power loss of the slipper-
swashplate interface with C1.5-20 decreases 9.66% com-
paring with the power loss with C0.5-20. The experimental
results have good consistency with the simulation results.
The comprehensive numerical simulation method presented
is proved to be feasible and effective for predicting the lubri-
cation performance of the slipper-swashplate interface.

The future work of this study will optimize the struc-
ture parameters of the slipper sealing surface and take the
thermal effect into account in the lubrication model of the
slipper-swashplate interface.
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