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ABSTRACT The main spiral blade of non-fixed wing aircraft will produce periodic vibration force when
rotating, which will not only reduce the service life of airborne equipment, but also greatly affect the
working state of pilots. Due to the narrow damping band of passive damping device, it is difficult to meet
the vibration reduction requirements of modern aircraft. Therefore, this article proposes an eccentric mass
block type electrical control system based on active vibration control Force actuator system and a prototype is
developed. In this article, the output force model of eccentric wheel type anti vibration actuator, the periodic
fluctuating load model of motor side, the linearization model of gear clearance and the dynamic model of
the whole electric actuator are established. Secondly, according to the system stability control requirements,
the controller parameters of the electric actuator are designed. The maximum value of the gear clearance
dimension is introduced into the control system to correct the controller parameters, and provide theoretical
design basis for the actuator gear clearance size. Finally, the sensitivity function from the disturbance side to
the control error side is calculated. The effectiveness of the parameters and the robustness of the control
system are verified by the sensitivity H∞ control theory. The results show that the prototype has good
dynamic and steady-state performance and meets the vibration control requirements of the main spiral blade
of the non-fixed wing aircraft.

INDEX TERMS Active vibration damping control, gear clearance, controller parameters, sensitivity H∞
control, robustness.

I. INTRODUCTION
In the process of ground operation and air flight of non-
fixed wing aircraft, under the joint action of airflow, rotor,
tail slurry and other high-speed optional components, the air-
frame often produces serious vibration problems, and even
leads to catastrophic aircraft damage and human death. Stud-
ies have shown that 40% of helicopter accidents are related
to vibration. Therefore, the noise and vibration levels of fixed
wing aircraft used by general have been included in the
national military standard assessment range [1], [2]. At the
same time, in order to improve the vibration environment of
airborne equipment, improve its safety and reliability, and
improve the working state of pilots, vibration reduction has
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become a research hotspot of major non fixed wing aircraft
manufacturers and research institutions in the world [3], [4].

At present, there are mainly two kinds of damping tech-
nology: passive damping technology and active damping
technology. Passive vibration reduction mainly uses vibration
absorbers to absorb the vibration force of helicopters or use
vibration isolators to suppress the transmission of vibration
power, such as dynamic vibration absorbers, dynamic anti
resonance isolators and other vibration absorption or vibra-
tion isolation devices [5]. Because of its simple structure,
convenient operation, low price and other advantages, it has
been widely used in the vibration reduction system of flyers.
However, with the increasing flight height and speed of the
aircraft, the flight environment is more complex. At the same
time, with the further improvement of the aircraft trans-
mission system and airborne equipment system integration,
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the traditional passive vibration elimination method cannot
meet the needs of aviation development due to the nar-
row working frequency band and low efficiency, so the
active vibration elimination technology emerges as the times
require.

For active vibration reduction, there are two main methods
at present. One is the closed-loop control through the vibra-
tion signal collected by the vibration sensor, and the pur-
pose of vibration control is achieved by modifying the
parameters of the controlled object, which is mainly rep-
resented by the classical high-order harmonic control [6].
The other way is to control the actuator to generate the
corresponding action force according to the vibration sig-
nal collected by the vibration sensor, so as to change the
structure of the forced object or directly offset the vibration
force to achieve the purpose of active vibration reduction.
The vibration damping electric actuator is a typical active
damping device, which can reduce vibration by ‘‘vibration
counteracting vibration’’ [7]. The actuator is driven by two
motors to drive a group of eccentric wheel loads to do high-
speed circular motion in the vertical plane, thus generat-
ing sinusoidal centrifugal force, which is the driving force
for system vibration reduction. The system controls the fre-
quency, phase and amplitude of centrifugal force by adjust-
ing the speed, position and position difference of two pairs
of eccentric wheels, so as to deal with different vibration
forces.

In reference [8], the X2 high-speed verification machine
adopts active structural response control technology to solve
the strong vibration problem at large forward flight speed [8].
An active shock absorber with adjustable time delay was
designed in reference [9]. The vibration reduction effect of
the shock absorber was improved by reasonable feedback
gain and delay processing [9]. In reference [10], a six degree
of freedom active vibration isolation platform (AVIP) is pro-
posed by using modular design method, and the dynamic
characteristics of AVIP and known AVIM are analyzed.
It can isolate vibration with multiple degrees of freedom,
and has large bearing capacity, wide frequency band and
high vibration isolation accuracy [10]. The domestic research
on active vibration control technology started late, mainly
relying on the promotion of universities and research insti-
tutes. Reference [11] pointed out that researchers fromHarbin
Engineering University used LMS adaptive algorithm for
frequency modulation control of ship vibration elimina-
tor and self- optimization algorithm for phase modulation
control, which fully verified the performance of vibration
absorber and control system [11]. In reference [12], based
on the establishment of the dynamic model of the vibra-
tion reduction comprehensive design system by using the
finite element method, the vibration reduction character-
istics of the main transmission channel isolation system
(SARIB), vibration source control system (hub absorber)
and fuselage vibration control system (actuator) were stud-
ied, and the comprehensive vibration reduction effect was
analyzed [12]. Reference [13] introduces the main research

work and achievements of active vibration isolation, active
and semi-active vibration absorption of ship power plant and
active vibration elimination technology of ship structure in
Harbin Engineering University, which promotes the practi-
cal application of active vibration elimination technology in
ships [13].

However, due to the fact that the vibration reduction fre-
quency band of the non-fixed wing aircraft is much wider
than that of the ship shock absorber, the control accuracy
is required to be higher, and at the same time, there is a
nonlinear problem of gear clearance in gear transmission sys-
tem [14]. The existence of gear clearance not only increases
the difficulty of motor control, but also greatly reduces the
output performance of the system. In addition, the periodic
sinusoidal load disturbance exerted by the eccentric mass
on the motor side will cause torque ripple in the power
actuator system, which reduces the stability margin of the
power actuator control system, thus increasing the difficulty
in the design of the system controller [15]. Based on this,
this article first deduces and establishes the sub component
model of the actuator system, including the output force
model of the eccentric mass block type vibration elimination
electric actuator, the periodic pulsating load model of the
motor side, the linearization model of the gear clearance and
the dynamic model of the whole electric actuator. Secondly,
according to the working mechanism of the power actuator
output force, the control strategy and control block diagram
of the power actuator control system are proposed. Com-
bined with the three-loop output force servo control strat-
egy, the parameters of current loop, speed loop and position
loop controller are designed for tuning calculation, which
improves the dynamic and steady-state performance of the
control system. At the same time, considering the influence
of gear clearance nonlinearity on the control system in actual
working conditions, the maximum value of the gear clearance
size between the driving and driven wheels of the actuator is
introduced into the parameter design of the closed-loop con-
troller, and the parameters of the position loop regulator are
corrected by the iterative calculation method, which provides
the mechanical design basis for the size of the gear clearance,
so that the control system has strong adaptive ability and can
meet the requirements of the control system stability require-
ments under different gear clearance dimensions [16], [17].
Finally, the sensitivity function from the disturbance side
to the control error side is calculated, and the effectiveness
of the parameter design and the robustness of the control
system are verified by using the sensitivity H∞ control
theory [18], [19].

At the same time, this article develops an engineering pro-
totype of the eccentric wheel type vibration damping electric
actuator, and completes the steady-state and dynamic perfor-
mance verification experiments of force amplitude, frequency
and phase, which further verifies the feasibility and correct-
ness of the control strategy and controller parameter design,
and provides certain technical support for its application in
non-fixed wing aircraft.
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II. MODEL DERIVATION AND ESTABLISHMENT OF
ELECTRIC ACTUATOR SYSTEM WITH ECCENTRIC MASS
A. MODELING OF ACTUATOR OUTPUT FORCE
The structure of the electric actuator with eccentric mass
is shown in Fig.1(a), which is composed of two pairs of
symmetrical eccentric mass block type electric actuator. The
electric actuating unit on each side is shown in Fig.1(b).
The motor shaft of the outer rotor is tightly assembled with
the driving wheel and drives the driving wheel. The driving
wheel drives the eccentric mass block on the left driven wheel
to rotate through the gear. At the same time, the driving wheel
drives the eccentric mass on the right driven wheel through
the idler gear. The effect of the idler makes the mass on
both sides form relative motion. The rotation speed is the
same but the direction is opposite so that the output of the
centrifugal force generated by the rotation of the two masses
is zero in the horizontal direction and changes sinusoidal peri-
odically in the vertical direction. Similarly, a pair of eccen-
tric masses on the other side also produce sinusoidal output
force with the same amplitude and frequency. Therefore, the
magnitude of the active output force can be controlled by
controlling the phase difference of the two vertical forces. The
working mechanism of the actuator is theoretically deduced
below [20].

FIGURE 1. Mechanical transmission structure diagram of eccentric
load.

The force diagram of a pair of eccentric mass blocks is
shown in Fig. 2 below. At the origin of X-Y axis coordinate
system with the center symmetry point of the actuator as the
output force, the mass block is regarded as the mass point.

The resultant force of the unilateral mass group output is
as follows:

F1 = 2mω2
1r sin(ω1t + φ1) (1)

Similarly, the resultant force on the other side is:

F2 = 2mω2
2r sin(ω2t + φ2) (2)

Among them, m is the weight of a single mass block; ω
is the angular frequency of the mass block rotation; φ1 is the
initial phase of the mass block; r is the radius of the mass
block rotation.

In the end, the combined force output formula of the actu-
ator is:

Fout (t) = A1 sin(ϕ1)+ A2 sin(ϕ2)

= |Fout (t)| sin(]Fout (t)) (3)

Among them:

|Fout (t)| =
√
A21 + A

2
2 − 2A1A2 cos(ϕ1 + ϕ2) (4)

Fout (t) =
ϕ1 − ϕ2

2
+ tan−1(

A1 + A2
A1 − A2

tan(
ϕ1 + ϕ2

2
)) (5)

A1 = 2mω2
1r A2 = 2mω2

2r

ϕ1 = ω1t + φ1 ϕ2 = ω2t + φ2 (6)

Especially, when ω1 = ω2, it has:

Fout (t) = 4mω2r · cos
(
1θ

2

)
· cos (ωt + φ) (7)

Among them: 1θ1 = ϕ1 − ϕ2, φ = (φ1 + φ2)/2.
In order to control the output force amplitude, as shown in

Fig.3, the phase difference of the eccentric wheels on both
sides should be closed-loop controlled.

1θ = ϕ1 − ϕ2 =

∫
(ω1 +1ω1)dt

−

∫
(ω2 +1ω2)dt + φ1 − φ2

=

∫
(ω1 − ω2 +1ω1 −1ω2)dt + φ1 − φ2 (8)

FIGURE 2. Force sketch of eccentric mass block group.

FIGURE 3. Schematic diagram of the output force of two pairs of
eccentric masses.
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Equation (8) is expressed in the discrete domain as:

1θ (n) = ϕ1(n)− ϕ2(n)

= lim
m→∞

m∑
n=1

[ω1(n)− ω2(n)+1ω1(n)−1ω2(n)]

+φ1 − φ2

= lim
m→∞

m∑
n=1

1ω(n)+ φ1 − φ2 (9)

The necessary condition for convergence from infinite
series is:

lim
n→∞

1ω(n) = 0 (10)

According to equation (10), the premise of convergence
of output force amplitude is that the rotation frequency dif-
ference of the eccentric wheels on both sides is zero, that
is, the rotation speed is synchronous. At the same time,
the smaller the fluctuation value of frequency difference near
zero, the weaker the beat frequency phenomenon of output
force. As shown in Fig. 4, the output force wave-forms with
different rotation frequencies of the eccentric wheels on both
sides of the actuator are represented by blue lines and the
output force wave-forms with the same rotation frequency
are represented by red lines. It can be seen that the rotation
frequencies of the eccentric wheels on both sides of the
actuator are inconsistent. The output force amplitude contour
presents a periodic ‘beat frequency phenomenon’.

FIGURE 4. Beat waveform of output force.

B. LINEAR MODELING OF GEAR CLEARANCE IN
TRANSMISSION MECHANISM
For the eccentric mass block type electric actuator system
driven by motor, the clearance between the gears is designed
to be more than 0.05mm in the actual project in order
to improve the vibration mode at the rated frequency and
increase the service life of the gear. So the nonlinearity caused
by the gear clearance is one of the important factors in the
system stability design. The hysteresis model, dead zone
model and ‘‘vibro impact’’ model are most widely used for
tooth clearance models. Among them, the hysteresis model
reflects the displacement relationship of the master-slave
part. The dead zone model reflects the transfer torque of
the master-slave part. However, the ‘‘vibro impact’’ model
does not consider the relative displacement relationship of the
master-slave part and is only applicable to the transmission of

rigid objects. In this article, the dead zone model which can
reflect the torque transfer between the driving part and the
driven part is established [21].

The input value of the backlash part is the relative dis-
placement1θ (t) between the driving part and the driven part,
and the output is the output torque τ (t) of the backlash part,
the dead zone model of backlash is established as follows:

τ (t) =


k [1θ (t)− α]+ c1θ (t)′, 1θ(t) > α

0, |1θ (t)| ≤ α
k [1θ (t)+ α]+ c1θ (t)′, 1θ(t) < −α

(11)

α is 1/2 backlash width; k is stiffness coefficient of gear
meshing; c is damping coefficient of gear meshing. The term
c1θ (t)′ is omitted in linearization because 1θ (t)′ is small.
It can be seen from the above formula that the dead zone
model of the backlash part is a piecewise linear function,
which is linearized by the method of describing function.

Suppose that the input and output of the non-linear link can
be expressed as follows:

x(t) = A sinωt y(t) = f (x) (12)

In general, the output of sinusoidal signal is non sinusoidal
periodic signal, which can be expanded into Fourier series:

y(t) = A0 +
∞∑
n=1

(An cos nωt + Bn sin nωt) (13)

When n>1, the output response of the nonlinear link can be
approximately regarded as only the fundamental component:

y(t) ≈ A0 + A1 cosωt + B1 sinωt (14)

If and only if A0 = 0, the transfer function of the nonlinear
link is:

N (A) =
Lt (A1 cosωt + B1 sinωt)

Lt (A sinωt)
=
B1 + jA1

A
(15)

Because the dead zone model of tooth clearance is a piece-
wise odd function, it has the following characteristics:

A1 =
1
π

∫ 2π

0
τ (t) cosωtdωt =

1
π

∫
+π

−π

τ (t) cosωtdωt = 0

(16)

A0 =
1
2π

∫ 2π

0
τ (t)dωtA0 =

1
2π

∫
+π

−π

τ (t)dωt = 0 (17)

B1 =
1
π

∫ 2π

0
τ (t) sinωtdωt

=
2k
π
(
Aπ
2
− Aarc sin

α

A
− α

√
A2 − α2

A
) (18)

According to the equations (15), (16), (17), (18), it can be
concluded that:

N (A) =
B1 + jA1

A

=
2k
π
(
π

2
− arc sin

α

A
−
α

A

√
1−

α2

A2
)

A≥α

(19)
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Obviously, when the backlash width is fixed, the transfer
function of the dead zone model is a variable gain link about
the relative displacement of the driving part and the driven
part 1θ(t).

The structure diagram of dead zone model of tooth clear-
ance is shown in Fig. 5:

FIGURE 5. Dead zone model of gear clearance.

C. MODELING OF PERIODIC PULSATING LOAD TORQUE
ON MOTOR SIDE
The load torque model of unilateral eccentric mass to motor
side is shown in Fig. 6, in which: Jm is the moment of inertia,
Bm is the viscosity coefficient, ωm is the rotational speed.
Where m = z,d,c, respectively represent the driving wheel,
idler gear and driven wheel.N1,N2,N3 are the teeth number of
driving gear, idler gear and driven gear. Tz1 is the load torque
of motor drive 1# driven wheel side. Tz2 is the load torque
of motor driven idler side. TG is the heavy torque of single
eccentric wheel. T11 is the load torque of 1# driven wheel to
driving wheel. T12 is the driving torque of driving wheel to 1#
driven wheel. T21 is the load torque of driving wheel to driv-
ing wheel. T22 is the driving torque of driving wheel to idler.
T23 is the load torque of 2# driven wheel to idler. T24 is the
driving torque of the idler to 2# driven wheel.

FIGURE 6. Eccentric wheel load force model.

According to the principle of torque balance, the torque
balance equation from the driving wheel to the 1# driven
wheel side is as follows:

Tz1 = T11 + Jz
dωz
dt
+ Bzωz (20)

Similarly, for 1# driven wheel:

T12 = TG + Jc
dωc
dt
+ Bcωc (21)

If the energy loss in the process of gear transmission is
neglected, there exists:

T11ωz = T12ωc (22)

Combine the meshing principle of the gear:

ωzN1 = ωcN3 (23)

According to the equations (20), (21), (22) and (23), the
following results can be obtained:

Tz1 =
N1

N3
TG +

[
Jz +

(
N1

N3

)2

Jc

]
dωz
dt

+

[
Bz +

(
N1

N3

)2

Bc

]
ωz (24)

So far, the load model from the driving wheel to the 1#
driven wheel side is established. Then the same analysis
method is used to analyze the driving wheel to the idler gear
and the idler to the 2# driven wheel side. After sorting out,
the following formula is established:

Tz2 =
N1

N3
TG +

[
Jz +

(
N1

N2

)2

Jd +
(
N1

N3

)2

Jc

]
dωz
dt

+

[
Bz +

(
N1

N2

)2

Bd +
(
N1

N3

)2

Bc

]
ωz (25)

The above formula is the load model from the driving
wheel to the idler gear and from the idler to the 2# driven
wheel side. A complete load model of eccentric wheel can be
obtained by coupling equations (24) and (25):

Tz =
2N1

N3
TG +

[
2Jz +

(
N1

N2

)2

Jd + 2
(
N1

N3

)2

Jc

]
dωz
dt

+

[
2Bz +

(
N1

N2

)2

Bd + 2
(
N1

N3

)2

Bc

]
ωz (26)

In the above formula, the gravity torque of a single eccen-
tric wheel satisfies the following requirements:

TG = mgr · sin θc (27)

where m is the mass of a single eccentric, r is the distance
between the center of mass and the center of rotation, θc is
the angle of the eccentric. In order to express the eccentric
load model more concisely, the equation (27) is introduced
into equation (26) and the coefficients are integrated:

Tz = KG · sin θc + KJ
dωz
dt
+ KBωz (28)

Among them, the load gravity torque coefficient KG =

2mgrN 1/N3, the load equivalent rotation inertia KJ = 2Jz +
(N1/N2)2Jd+2(N1/N3)2Jc, the equivalent viscosity coefficient
KB = 2Bz + (N1/N2)2Bd + 2(N1/N3)2Bc. When the control
system is stable, the dω/d t term is zero, so the load torque is
simplified as follows:

Tz = KG · sin θc + KBωz (29)
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It can be seen from equation (29) that the motor side
load torque consists of periodic pulsating torque and linear
viscous torque. However, in the actual working condition,
the amplitude of periodic pulsation is far greater than that
of constant viscous torque under rated frequency condition.
So the equivalent load torque can be simplified as periodic
sinusoidal pulsemomentum. This is equivalent to the periodic
pulsating disturbance applied to the power actuator system,
which increases the difficulty of controller design.

D. DYNAMIC MODELING OF ELECTRIC ACTUATOR SYSTEM
In order to analyze the stability of the electric power actuation
system and design the controller parameters, it is necessary
to establish the mathematical model of the controlled object.
Only the driving wheel to 1# driven wheel side is selected and
the rest torque is converted to one side in order to simplify the
calculation and reduce the complexity of the dynamic model
of electric actuator. In this way, only one gear clearance is
included in the whole drive system. Then the gear clearance
link is linearized with equation (19) and a complete dynamic
model of electric actuator can be obtained. Combined with
the torque balance equations (20), (21), (22), (23) from the
driving wheel to the 1# driven wheel side, the following
equations are obtained:

Tz1 = T11 + Jz
dωz
dt
+ Bzωz

T12 = TG + Jc
dωc
dt
+ Bcωc

T11N3 = T12N1

(30)

At the same time, the known armature circuit voltage equa-
tion is as follows:

U = RI + L
di
dt
+ Ceθ ′z (31)

where U is the armature voltage, R is the armature circuit
equivalent resistance, L is the armature circuit equivalent
inductance, Ce is the back EMF coefficient, I is the armature
current. Combined with equations (30), (31) and linearized
expressions of gear clearance dead zone model, the complex
frequency domain expression of dynamic model of electric
actuator can be obtained by Laplace variation:

U (s) = RI (s)+ LsI (s)+ Cesθz(s)
Tz1(s) ≈ 0.5KT I (s)

Tz1(s) = T11(s)+ (Jzs2 + Bzs)θz(s)
T12(s) = TG(s)+ (Jcs2 + Bcs)θc(s)

T11(s)N3 = T12(s)N1

T11(s) = N (A) [θz(s)− θc(s)]

(32)

where: θz is the driving wheel angle, θc is the driven wheel
angle, KT is the electromagnetic torque coefficient. Equa-
tion (32) can be represented by structure diagram, as shown
in Fig7.:

FIGURE 7. Structural block diagram of dynamic model of electric actuator.

III. ANALYSIS AND DESIGN OF POWER ACTUATOR
CONTROL STRATEGY
Fig8. is the structural block diagram of the eccentric mass
electric actuator system, which adopts three-loop servo con-
trol, in which APR is position loop regulator, ASR is speed
loop regulator and ACR is current loop regulator. PI regulator
is used for current loop and speed loop, and proportional
regulator is used for position loop. The two motors in the
system are independent of each other, and the control core
is to realize real-time and accurate tracking of the position
of the unilateral eccentric mass group, so it is necessary to
design the loop parameters of the unilateral eccentric mass
actuation control system.

A. STABILITY ANALYSIS AND CONTROLLER PARAMETER
DESIGN OF CONTROL SYSTEM
The motor control unit is the core control unit of the actuator.
Therefore, three closed-loop control models of current inner
loop, speed loop and outer loop of mass block are established
in this article, and then the stability of the system is ana-
lyzed, and the corresponding loop controller parameters are
designed according to the stability requirements. The control
loop structure of the eccentric mass actuation control system
is shown in Fig. 8, where θc1 = ωt + φ1, that is, the phase
angle of the output force of one-side mass group. Similarly,
the phase angle of the output force of another mass block
group is θc2 = ωt+φ2. Combined with formulas (1) and (2),
it can be known that the phase tracking control of the output
force on both sides can be realized by designing a reasonable
controller. Combined with formula (3), it can be known that
the whole electric actuator out-puts the specified composite
force. The following table gives the basic technical indexes
and motor parameters of electric actuator to guide the design
of controller parameters.

According to the control principle of DC brush-less motor,
the closed-loop control block diagram of current loop is as
follows:

In order to meet the requirements of torque tracking con-
trol, PI regulator is adopted in the current loop, and zero-pole
cancellation is adopted to improve the dominant pole position
of the current loop. The closed-loop transfer function of the
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FIGURE 8. Control block diagram of active vibration control system based on servo control strategy.

TABLE 1. Basic technical indicators of electric actuators.

TABLE 2. Motor parameters.

current loop can be obtained as follows:

8i(s) =
1

2T 2
6is

2 + 2T6is+ 1
(33)

In order tomeet the frequency response requirements of the
speed loop, the open-loop cut-off frequency of the speed loop
ωcn < 1/(5T6i). At this time, the current loop is equivalent
to the first-order inertia link, which is:

8i(s) =
1

2T6is+ 1
(34)

FIGURE 9. Closed-loop control block diagram of current loop.

FIGURE 10. Closed-loop control block diagram of speed loop.

Fig. 10 shows a closed-loop speed control block diagram.
The speed-loop parameters are designed according to the
steady-state following performance.

In order to achieve no static difference in speed control,
the speed loop regulator uses a PI regulator, so the speed
loop is set to a typical type II system, its open-loop transfer
function is:

Gn(s) =
Kn(τnis+ 1)
s2(T6ns+ 1)

(35)

Among them,Kn = KTKnp/(Jmτni),Knp is the proportional
value of the speed regulator, τni is the integral value of the
speed regulator, T6n = Ton + 2T6i, Ton is the speed loop
filter time constant.

In this way, the speed loop can be corrected to a typi-
cal type II third-order system, and its closed-loop transfer
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function is:

8n (s) =
Knτnis+ Kn

T6ns3 + s2 + Knτnis+ Kn
(36)

According to the minimum resonance peak method in
the principle of automatic control, the calculation can be
obtained, Kn = 2.449× 105, Knp = 1.94. The step response
and Bode diagram of speed loop are shown in Fig. 11:

FIGURE 11. Speed loop Bode diagram and step response curve.

It can be seen from Fig. 11(a) that the phase angle margin
is 41.1◦, and the open-loop cut-off frequency of the speed
loop is 796rad/s, which has good stability. It can be seen from
Fig. 11(b) that for unit step response, the rise time is 1.37ms,
the overshoot is 37.6%, and the settling time is 7.2ms, and the
speed loop has excellent dynamic performance. Considering
that there is a gear transmission unit between the motor side
and the mass block, and because of the influence of gear
lubricant, the open-loop cut-off frequency ωcp of the position
loop is far less than the cut-off frequency of the speed loop,
therefore, the speed loop can be simplified and equivalent to
a first-order inertial system, and its equivalent closed-loop
transfer function is:

8(s) =
ωcn

s+ ωcn
(37)

Among them, ωcn is the open-loop cut-off frequency of the
speed loop.

In order to improve the overall servo performance of the
system and speed up the dynamic response to the position
command, the position loop adopts a pure proportional reg-
ulator, so that the open-loop transfer function of the position
loop can be obtained:

8p(s) =
Kppωcn
s(s+ ωcn)

(38)

As shown in Fig. 12 is the position closed-loop control
block diagram:

According to the characteristics of the second-order sys-
tem, the damping ratio ζp and the natural angular frequency
ωcn of the position loop are: ξp

1
2

√
ωcn

Kpp
ωnp =

√
Kppωcn

(39)

FIGURE 12. Position closed loop control block diagram.

Several groups of ζp values were selected for simulation
experiments. According to the experimental data, ζp = 1.1,
was finally taken to calculate the proportionality factorKpp =

164.46 of the position regulator. The position loop slope
response and the Bode diagram are shown in Fig. 13.

FIGURE 13. Ramp response curve and bode diagram of position loop.

It can be seen from fig. 13(a) that for the ramp response,
the steady-state error always exists, only the tracking delay of
0.005s exists, and the dynamic performance of the position
loop is good. It can be seen from fig. 13(b) that the phase
angle margin is 75◦ and the open-loop cut-off frequency of
the position loop is 231rad/s, which has good stability.

B. CONTROLLER PARAMETER CORRECTION
In order to improve the vibration mode of electric actuator,
the gear clearance is usually large, which is an important non-
linear factor of the control system. In practical application,
the existence of gear clearance may break the steady-state
balance of the control system, andmake the controller param-
eters fail under ideal conditions. In serious cases, it will cause
the motor speed on both sides of the actuator to be out of
control. Therefore, it is necessary to take the influence of gear
clearance into account in the parameter design of the control
system to maintain the dynamic balance of the system, so that
the control system has strong adaptive ability and can meet
the stability requirements of the system under different gear
clearance sizes.

It can be seen from Fig.8 that the gear transmission sys-
tem is included in the position ring, but outside the current
ring and speed ring of the motor, the tooth clearance has a
greater impact on the position ring of the system, and has less
influence on the current ring and speed ring. Therefore, based
on the current loop and speed loop controller parameters
calculated in the previous section, the actuator position loop
controller parameters are calculated iteratively to improve the
robustness of the position loop, as shown in Fig. 14.
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FIGURE 14. Block diagram for iterative calculation of position loop
parameters.

The equivalent models of current loop and speed loop have
been derived in Section III A, and the block diagram of
position loop closed-loop control system with gear clearance
is built by combining the equivalent control model of inner
loop, as shown in Fig. 15.

In order to simplify the operation, ignoring the viscosity
coefficient of the gear set, the open-loop transfer function of
the position loop with gear clearance is obtained as follows:

Gp(s) =
KPPN (A)NM (s)

N (A)NM (s)s+ Js2 + JcM (s)s3 + JcJzs4
(40)

Among them, M (s) = ASRKT/(2(T6ns+1)), N = N3/N1,
J = N (A)NJz + N (A) Jc.

In order to analyze the influence of gear clearance on the
steady-state performance of the position loop, the parame-
ters of each regulator in the original control loop are kept
unchanged.

Due to the influence of mechanical structure, the range
of gear clearance size between driving and driven wheels is
0.05mm ∼ 0.2mm under actual working conditions. In order
to explore the influence of gear clearance size on the stabil-
ity of the system, the amplitude phase curve of the system
is drawn when the gear clearance dimensions are 0.2mm,
0.15mm, 0.1mm, 0.05mm respectively.

It can be seen that with the increase of gear clearance size,
the system cut-off frequency is higher. In the limit case, when
the backlash is very large, the driving wheel and the driven
wheel are out of engagement. At this time, there is no load
torque hindrance for the driving wheel, and its bandwidth
is naturally very high. But for the driven wheel, it loses
the driving torque from the driving wheel, so the bandwidth
is naturally very low. Therefore, from the perspective of
the driving gear, the system bandwidth increases with the
increase of the tooth clearance width, while it is opposite
from the perspective of the driven wheel. Obviously, when
the gear clearance size is 0.2mm, the system bandwidth is
the smallest and the stability performance is the worst for the
driven wheel, that is, the load.

In order to make the design parameters adapt to any possi-
ble working conditions, the limit value of gear clearance size
in actual working conditions is introduced into the parameter
design of the controller. According to the iterative method
in Fig. 14, the controller parameters are designed to ensure
the stability of the actuator control system under the worst
possible working conditions, and the control system has
strong self-control through high reliability of the controller
parameters adaptability.

It is known that 1/2 of the maximum gear gap size between
the driving wheel and the 1# driven wheel is 0.1mm. Substi-
tute the data to obtain the position loop slope response and
Bode diagram as shown in Fig. 17.

According to the analysis of the above figure, the phase
angle margin is 81.8◦, and the open-loop cutoff frequency
of the position loop is 207rad/s. Compared with the ideal
case without gear clearance, the open-loop cut-off frequency
is advanced, the bandwidth is reduced, and the steady-state
performance is worse; At the same time, due to the existence
of gear clearance, resonance occurs at a fixed frequency
point, resulting in unstable operating point. Based on the
above conclusions, the parameters of the original position
loop proportional regulator are no longer suitable. In the
following, the parameterKpp of the position loop proportional
regulator is corrected according to the specific steady-state
performance index.

According to the classical control theory, the steady-state
performance indexes are selected as follows: the phase angle
margin is 45◦, and the open-loop cut-off frequency of the
position loop is 370rad/s, which is more than 5 times of
the rated operating frequency. Since the open-loop cut-off
frequency of the position loop is advanced after the gear
clearance is introduced, considering that the increase of the
parameter Kpp of the position loop proportional regulator
will increase the bandwidth and improve the response speed
of the position loop, Kpp = 200 is preliminarily selected.
Position loop ramp response and Bode diagram are shown
in Fig. 18:

It can be seen from the figure that the open-loop cut-off
frequency of the position loop rises to 307rad/s, and the phase
angle margin is 63◦. With the increase of the parameters
Kpp of the position loop proportional regulator, the open-loop
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FIGURE 15. Closed-loop control diagram of position loop with gear clearance.

FIGURE 16. Amplitude phase curve of system under different gear
clearance dimensions.

FIGURE 17. Position loop ramp response curve and Bode diagram with
gear clearance-1.

FIGURE 18. Position loop ramp response curve and Bode diagram with
gear clearance-2.

cut-off frequency of the position loop increases and the phase
angle margin decreases. According to the iterative calculation
in fig. 14, Kpp = 230.46 is finally selected.

FIGURE 19. Position loop ramp response curve and Bode diagram with
gear clearance-3.

The ramp response and Bode diagram of the position loop
are shown in Fig. 19. The open-loop cut-off frequency of the
position loop rises to 369rad/s, and the phase angle margin is
47◦, which meets the requirements of the position loop con-
trol performance index and achieves the balance of dynamic
and steady-state indexes. At the same time, comparing figs.
13 and 19, it can be seen that the tooth clearance brings
resonance point to the control system, but its value is basically
fixed around 18Hz, which is about 1/3 of the rated working
frequency, so it basically does not affect the control of the
actuator output force. In practical application, a quick start
mode is generally adopted to skip the resonance point.

C. ANTI DISTURBANCE ANALYSIS OF CONTROL SYSTEM
The output force of vibration damping electric actuator is
realized by the ‘‘opposite throw’’ of eccentric wheel load.
The eccentric wheel load is different from other constant
torque load and belongs to a kind of pulsating load, which
will bring load disturbance to the control system, cause
speed fluctuation and affect the performance of output force.
In order to verify the reliability of the parameter correction
and the disturbance rejection ability of the control system,
the sensitivity H∞ control theory should be introduced to
analyze the system.

Fig. 20 shows a typical feedback control system, µ is
input vector, y is output vector, e is control error vector, d is
disturbance vector, K (s) and P(s) are transfer function matrix
of controller and controlled object respectively.

Suppose S(s) denotes the transfer functionmatrix from dis-
turbance d to control error e, then the H∞ norm of feedback
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FIGURE 20. Feedback control system.

control system from disturbance to control error is defined as:

‖S(s)‖∞ = sup
ω∈R+

σ̄ {S(jω)} (41)

where sup is the supremum and σ̄ is the maximum singular
value of the system. It can be expressed as:

σ̄ {S(jω)} =
{
λ̄
[
S(jω)HS(jω)

]}1/2
(42)

H∞ norm is an extension of the generalized norm and
a set of complex function matrices defined in H∞ space.
According to the concept of operator induced norm, the norm
of closed-loop control system S(s) is defined as:

‖S(s)‖ = sup
x6=0

‖S(jω)x‖2
‖x‖2

(43)

Then, when S(jω) ∈ H∞, x ∈ L(−∞,+∞), we have the
following conclusions:

‖S(s)‖ = sup
x6=0

‖S(jω)x‖2
‖x‖2

= sup
ω∈R+

σ̄ {S(jω)} = ‖S(s)‖∞

(44)

The above formula shows that the H∞ norm of the closed-
loop control system is the induced norm of the two norm
of the system in H∞ space, that is, the H∞ norm of the
transfer function matrix S(s) represents the maximum gain
from disturbance to control error.

According to Fig. 20, the closed-loop transfer function
from disturbance d to control error e is:

S(s) = [I + P(s)K(s)]−1 (45)

S(s) represents the gain from the relative deviation of the
open-loop characteristics to the relative deviations of the
closed-loop characteristics of the control system, and is also
the sensitivity function of the system [22]. By designing a
reasonable controller K (s), the maximum gain of S(s), that
is, the H∞ norm of S(s), can be reduced to a small enough
value, so that the relative deviation of the closed-loop system
can be controlled within the allowable error range, so as to
minimize the influence of disturbance on the control system.

According to Fig. 8 and combined with formulas (38)
and (45), the sensitivity function of the control system can
be calculated as follows:

S(s) ==


s2 + ωcns

s2 + ωcns+ Kppωcn
0

0
s2 + ωcns

s2 + ωcns+ Kppωcn


(46)

TABLE 3. H∞ norm of control system sensitivity function under different
parameters.

In the simulation software, the H∞ norm of the sensitivity
function of the control system under different Kpp in the
iteration process of section III B is calculated as follows:

It can be seen from the above table that when Kpp =

230.46, theH∞ norm of the sensitivity function of the control
system is the minimum, which indicates that the energy gain
from the disturbance side to the control error side is also the
minimum, and the system has strong anti-interference ability
and robustness.

IV. EXPERIMENTAL VERIFICATION OF ELECTRIC
ACTUATING SYSTEM FOR VIBRATION SUPPRESSION
A. EXPERIMENTAL PLATFORM
By setting up the experimental platform of vibration-damping
system, the performance verification experiment of electric
vibration-damping actuator was carried out on the experimen-
tal platform. Hardware block diagram of power actuator for
active vibration suppression is shown in Fig. 21, in which
floating-point TMS320F2812 has high operation precision
and fast speed, and is mainly responsible for AD sampling
operation, loop PID regulator operation, magnetic codec and
hall sampling operation, etc., and is also responsible for com-
munication with the upper computer. The upper computer
mainly collects some feedback data, such as load position
signal, motor speed signal, bus current signal and so on.
In addition, the upper computer will also participate in the
loop operation of the position loop and send the speed signal
command obtained after the solution to the corresponding
CPU.

FIGURE 21. Hardware block diagram of electric actuator for active
vibration suppression.
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FIGURE 22. Experimental platform.

The test platform of the whole experimental system is
shown in Fig. 22, which includes electric actuator and its
electric drive system, DC power supply, host computer, force
measuring device and other test instruments and equipment.

B. EXPERIMENTAL RESULTS
1) TEXT EXPERIMENT OF MOTOR SPEED AND PHASE
CURRENT IN STEADY STATE
The control output characteristics of motor inner loop directly
determine the quality of mass position loop control. The rated
frequency of the actuator is 21.5Hz, which is converted to a
given speed of 4000rpm on the motor side to verify the inner
loop control effect of the motor.

It can be seen from Fig. 23(a) that the speed fluctuation
range is 3960∼4050rpm, and the speed fluctuation amount
is about 90rpm, which is less than 3% of the rated speed.
At the same time, it can be seen from Fig. 23(b) that there
are two states of phase current, motoring and braking, to meet
the dynamic control requirements of torque. Output electric
torque when rotating speed is lower than a given value, and
output braking torque when rotating speed is higher than a
given value.

2) TEXT EXPERIMENT OF MOTOR SPEED AND PHASE
CURRENT UNDER DYNAMIC CONDITION
According to the requirement of 0.5% of the rated frequency
change in the index, the test experiment of sudden drop of
rated speed from 4000rpm to 300rpm is carried out, and
its speed waveform and phase current waveform are shown
in Fig. 24:

It only takes about 80ms to reduce the speed by 300rpm,
and the overshoot is negligible, which verifies the correct-
ness of the controller parameter design. At the same time,
the phase current in Fig. 24(b) generates braking current
during deceleration, which further increases the motor speed.

3) TEXT EXPERIMENT OF ACTUATOR OUTPUT FORCE
ACCURACY
At this time, the positions of the masses on both sides are
set to be the same, that is, the position difference is zero
and the position change rate is consistent (21.5Hz). After
being controlled by the mass position loop, the motor speed
and current loop, the output force amplitude and frequency

FIGURE 23. Motor speed and phase current waveform.

waveform of the actuator system are shown in Fig. 25, and
the output force amplitude reaches the theoretical maxi-
mum value of 3200±150 N, while the output frequency is
21.5Hz±0.02Hz, which meets the technical indexes of force
amplitude error less than 5% and frequency difference less
than 0.5%. When the position difference of the mass blocks
on both sides of the design is 180◦, the output force waveform
of the actuator is shown in Fig. 26, and the average value
of the output force is zero, and its fluctuation amplitude is
less than 120N, which meets the technical requirements of
no more than 150N. Therefore, it is verified that the system
has high precision control ability of maximum output force
and minimum output force.

In order to test the dynamic response of the output force
of the actuator, by continuously changing the given posi-
tion difference of the mass blocks on both sides, through
the respective position tracking control, the continuous step
change of the synthetic output force is realized, as shown
in Fig. 27, the difference is realized. Servo tracking control
of output force. Controlled at the rated frequency, the force
amplitude changes every 300N from 0N to the maximum
force of 2877N. The dynamic response parameters are shown
in Table 4.

Due to space limitations, the figure only shows the force
amplitude step response curve from 600N to 900N and 1500N
to 1800N. From the table, we can see that the dynamic settling
time of each force amplitude is within 0.3s, which meets
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FIGURE 24. Motor speed and phase current waveform at sudden speed
drops.

TABLE 4. Experimental data of force amplitude step response.

the 0.5s technical index requirements. It is verified that the
controller parameters balance the dynamic performance and
steady-state performance of the output force well.

4) TEXT EXPERIMENT OF ACTUATOR OUTPUT
FORCE PHASE CONTROL
Whether the system can effectively reduce vibration depends
largely on the phase control performance of the actuator
output force. Fig. 28 is the experimental results of phase
mutation ±30 degrees. When the flag signal is set high,
the phase mutation command is sent, and the system begins
to respond to the phase change mutation command. When
the output force curve coincides with the reference line of

FIGURE 25. Frequency accuracy experiment waveform.

FIGURE 26. Force amplitude accuracy experiment waveform.

the given command phase, it means that the out-put force
phase changes to the given command phase. It can be seen
from the figure that when the phase of output force changes
30 degrees in the forward direction and 30 degrees in the
reverse direction, the required settling time is 0.07s and 0.08s
respectively, the dynamic settling time is less than 0.1s, and
the steady-state error is less than 1 degree, which meets the
technical specifications that the phase dynamic settling time
is less than 0.1s and the phase steady-state accuracy is less
than 5%.
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FIGURE 27. Force amplitude step response diagram.

FIGURE 28. Phase change experiment waveform.

5) SYSTEM VIBRATION REDUCTION TEXT EXPERIMENT
When the vibration reduction system is not started, the orig-
inal vibration level is 0.75g. As shown in Fig. 29, the system
starts to reduce vibration from about 5s, and the vibration

FIGURE 29. System vibration damping experiment waveform.

level in 11s drops to 0.2g and remains basically unchanged.
The vibration level decays from 0.75g to 0.2g, and the damp-
ing time is less than 6s, which realizes the force amplitude,
frequency and phase tracking control of the output force,
achieves the system damping effect, and meets the technical
index of system damping, which verifies the correctness of
the system model establishment and control strategy design
of the electric actuator.

V. CONCLUSION
Aiming at the vibration problem of non-fixed-wing aircraft,
this article designs a control system based on an eccentric
mass-type damping electric actuator. Based on theoretical
deduction, a physical model of each link of the electric damp-
ing actuator is built, and the control strategy analysis model
of the electric actuator control system is established. On this
basis, the influence of gear clearance on the steady-state and
dynamic performance of the active vibration control system
is analyzed.

At the same time, combined with the three-loop servo con-
trol strategy of dual motor, the iterative calculation strategy of
controller parameters considering gear clearance is proposed,
and the parameters of position loop regulator are corrected
by combining with stability performance index. Furthermore,
the influence of gear nonlinearity on the stability and control
performance of the electric actuator system is improved.
At the same time, based on the sensitivity H∞ control theory,
the reliability of the controller parameter design and the
robustness of the control system are verified.

An engineering prototype is developed, an experimental
test platform is built. The dynamic and steady-state test exper-
iments of the motor inner loop, the dynamic and stable test
experiments of the out-put force, and the system vibration
reduction level test experiments are completed. Experiments
show that the actuator output force amplitude error is less
than 5%, the frequency error is less than 0.5%, and the
phase steady-state accuracy is less than 5%; the dynamic
settling time required for a phase change of ±30◦ does not
exceed 0.1s, the dynamic settling time required for every
300N change in force amplitude is less than 0.3s; and the time
of vibration attenuation from 0.75g to 0.2g is less than 6s.
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The above experimental results meet the technical indicators.
Therefore, it verifies the feasibility and correctness of the
model establishment, control strategy and iterative calcu-
lation considering the gear clearance parameters, and also
provides a certain theoretical design basis and technical sup-
port for the later system vibration damping experiment and
prototype productization.
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